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Abstract

In this work, a computational model was developed to predict and analyze static behavior in two different systems of dual-press
tube banks to be used behind a gas turbine station without a pre-existing heat recovery system. The relevant physical pheno
accounted for by means of a non-linear approach and the difference between water and steam velocities in finned tubes. Simul
also done considering the effects of exhaust gas parameters and tube length on the flow-fields of the working fluid. The results re
different static performance of these models on the sides of the working fluid and exhaust gas.
 2005 Elsevier SAS. All rights reserved.
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1. Introduction

Due to of the recent global trends to deregulate the en
market and reduce environmental pollution, heat flow
changers are commonly installed behind existing gas tur
stations, e.g. a gas turbine for a compressor station [1
This allows recovery of the waste heat found in the hot
haust gas from a gas turbine. There are many different
arrangements that can be used for the heat transfer bet
the working fluid and the exhaust gas from a gas turb
with a heat recovery system. Here, the working fluid flo
through the finned tube banks and the exhaust gas p
across them. The steam produced is used to power a s
turbine, which drives an electric generator. This enhan
overall system efficiency [4]. The arrangement of the tu
banks depends on the available space behind the gas tu
Dual-pressure systems use both parallel and serial co
urations for the gas tube banks. In the parallel flow tu
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banks, the exhaust gas heats water flows at each press
the same time. In the serial configuration, the exhaust ga
quentially heats the tube banks [4–6]. Since these tube b
are very compact, their configuration is important for syst
performance, including the optimal utilization of the exha
gas and the reliability and safety of power plant operatio
An investigation of system performance as part of the p
ning and design of a power plant improves both static
dynamic operating phase system behavior. Most prev
investigations of exhaust gas flow across tube banks w
performed considering a homogeneous equilibrium mo
for a two-phase flow on the tube side [7–9]. The homo
neous equilibrium model assumes that the steam and w
phases are flowing at the same velocity. Additionally, an
sis of previous works reveals that the effect in change in
haust gas temperature across finned tube banks is negle
and the results are specific for the tube banks configura
and therefore cannot be extrapolated to other configurat
In this work, a computational model is developed to all
for selection of the appropriate distribution of heating s
faces for connection to a gas turbine without a pre-exis

heat recovery system in order to maximize the efficiency and
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Nomenclature

A tube cross sectional area . . . . . . . . . . . . . . . . . m2

C0 distribution factor
c specific heat . . . . . . . . . . . . . . . . . . . . J·kg−1·K−1

d diameter . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
Fr Froude number
g acceleration due to gravity . . . . . . . . . . . . . m·s−2

h specific enthalpy . . . . . . . . . . . . . . . . . . . . . J·kg−1

ṁ mass flow rate . . . . . . . . . . . . . . . . . . . . . . . kg·s−1

p pressure. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . Pa
Pr Prandtl number
q̇ heat flux. . . . . . . . . . . . . . . . . . . . . . . . . . . . W·m−2

Re Reynolds number
r vaporization heat . . . . . . . . . . . . . . . . . . . . . J·kg−1

t time . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . s
U tube circumference . . . . . . . . . . . . . . . . . . . . . . . m
u internal energy. . . . . . . . . . . . . . . . . . . . . . . J·kg−1

VGj drift velocity . . . . . . . . . . . . . . . . . . . . . . . . . m·s−1

We Weber number
w flow velocity . . . . . . . . . . . . . . . . . . . . . . . . . m·s−1

ẋ steam quality
z axial coordinate . . . . . . . . . . . . . . . . . . . . . . . . . . m

Greek symbols

α convection heat transfer coefficient . W·m−2·K
β tube orientation angle from the horizontal . . .◦
� difference of a variable
ε void fraction
εr absolute roughness . . . . . . . . . . . . . . . . . . . . . . . m
η dynamic viscosity . . . . . . . . . . . . . . . . . . . . . . Pa·s
λ thermal conductivity . . . . . . . . . . . . W·m−1·K−1

ϑ temperature . . . . . . . . . . . . . . . . . . . . . . . . . . . . .◦C
ρ density . . . . . . . . . . . . . . . . . . . . . . . . . . . . . kg·m−3

σ surface tension . . . . . . . . . . . . . . . . . . . . . . N·m−1

ξ friction factor

Subscripts

i inner
G steam phase
L water phase
o outer
R friction pressure drop
sat saturation
w tube wall
wf working fluid
hg hot exhaust gas
the
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economic benefits of the entire plant. Here, we consider
concept of the dual-pressure levels on the operating
[4,5]. Two different configurations of tube banks syste
were numerically analyzed. Non-linear mathematical s
tems of equations of mass, momentum and energy were
veloped in the modeling process. A two-phase steam-w
flow was simulated using the drift flux model according
Rouhani’s correlation, which takes into account the velo
ties of water and steam phases [10,11]. The influence o
tube length and tube walls on the system’s thermal per
Fig. 1. Dual pressure once-through HRSG systems in parallel configuration.
-

mance was included. The effects of exhaust gas param
on the flow-fields of the working fluid were also investigat
and analyzed.

2. Model description

Figs. 1 and 2 show the two examined models, which c
sist of dual-pressure once-through heat recovery steam
erator (HRSG) systems in cross flow with finned tube ba
Fig. 2. Dual pressure once-through HRSG systems in serial configuration.
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and a gas turbine with a vertical outlet for the exhaust g
Model 1 uses a parallel configuration and is character
by 50% of the total exhaust gas flow rate for the system
and 2, i.e.

ṁhg1= ṁhg2= ṁhg

2

Model 2 uses a serial configuration. Both models have
same geometry.

3. Governing equations

To develop the governing equations for the conside
models, the following assumptions were made:

(a) A steady state, one-dimensional flow was assumed.
(b) A constant tube cross section was assumed.
(c) The two-phase flow was considered to be a mixed m

of water and steam, i.e. the water and steam press
were the same on the two-phase interface.

To account for these assumptions, the theoretical analys
a tube of the once-through HRSG systems shown in Fig
and 2 is based on the conservation equations of mass,
mentum and energy for exhaust gas (single-phase fl
working fluid (single-phase and two-phase flow) and tu
wall [12–15]. For a single-phase flow, mass conservatio
given by:

∂(ρwA)

A∂z
= 0 (1)

whereA, w, z andρ are the tube cross section, flow veloci
axial coordinate and density, respectively. Eq. (1) leads to
following expression of the mass flow rate:

ṁ = ρwA = constant (2)

For the two-phase flow, it can be written as follows:

∂

A∂z

(
ρL(1− ε)wL + ρGεwG

)
A = 0 (3)

The mixture mass flow rate can be expressed by

ṁ = (
ρL(1− ε)wL + ρGεwG

)
A (4)

where the water phase velocity is given by

wL = (1− ẋ)ṁ

(1− ε)ρLA
(5)

and the steam phase velocity follows as

wG = ẋṁ

ερGA
(6)

The other symbols and subscripts used were defined in
nomenclature.

In the two-phase flow, the difference between water
steam phase velocities (wG − wL) was taken into consid

eration by means of the Rouhani correlation [10], which is
s

f

-

valid for a two-phase flow in horizontal and vertical tub
and for the steam quality between 0 and 1. The void frac
according to Rouhani is formulated as follows:

ε = ẋ/ρG

C0[ẋ/ρG + (1− ẋ)/ρL] + AVGj/ṁ
(7)

where

A = πd2
i

4
(8)

C0 = 1+ 0.12(1− ẋ) (9)

VGj = V ∗
Gj

[
σLg(ρL − ρG)

ρ2
L

]0.25

(10)

V ∗
Gj = 1.18(1− ẋ) (11)

The momentum equation for a single-phase flow is defi
by

0= ∂(ρw2)

∂z
+ ρg sinβ + ∂p

∂z
+

∣∣∣∣∂p∂z

∣∣∣∣
R

(12)

Since density depends on pressure and temperature,ρ =
ρ(p,ϑ), in a single-phase flow, the partial differential of t
density in thez direction can be written as

∂ρ

∂z
= ∂ρ

∂p

∂p

∂z
+ ∂ρ

∂ϑ

∂ϑ

∂z
(13)

By taking into account Eq. (13), the partial differential of t
pressure inz direction can be expressed as

∂p

∂z
= Cs1

Cs2
(14)

with

Cs1 = − 1

A
Ys1 − ρg sinβ −

∣∣∣∣∂p∂z

∣∣∣∣
R

(15)

Ys1 = 2w
∂ṁ

∂z
− ṁ2

Aρ2

∂ρ

∂ϑ

∂ϑ

∂z
(16)

Cs2 = 1− ṁ2

A2ρ2

∂ρ

∂p
(17)

and for a two-phase flow, it can be given by

∂

∂z

(
ρL(1− ε)w2

L + ρGεw2
G + p

)

+ (
ρL(1− ε) + ρGε

)
g sinβ +

∣∣∣∣∂p∂z

∣∣∣∣
R

= 0 (18)

Since the density in a two-phase flow depends on the p
sure,ρk = ρk(p) with k = L,G, the partial differential of
the density inz direction can be formulated as

∂ρk

∂z
= ∂ρk

∂p

∂p

∂z
(19)

The void fraction depends on pressure and steam qualit
ε = ε(p, ẋ) (20)
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Eq. (20) leads to the following partial differential of the vo
fraction inz direction:
∂ε

∂z
= ∂ε

∂p

∂p

∂z
+ ∂ε

∂ẋ

∂ẋ

∂z
(21)

The partial differential of the pressure in thez direction can
be written with Eqs. (19)–(21) as

∂p

∂z
= Ct1

Ct2
(22)

with

Ct1 = −
(

E1
∂ε

∂ẋ
+ 2

ṁ

A
(−wL + wG)

)
∂ẋ

∂z
− Yt1 (23)

E1 = ρLw2
L − ρGw2

G (24)

Yt1 = (
ρL(1− ε) + ρGε

)
gsnβ +

∣∣∣∣∂p∂z

∣∣∣∣
R

(25)

Ct2 = 1− (1− ε)w2
L

∂ρL

∂p
− εw2

G

∂ρG

∂p
+ ∆1

∂ε

∂p
(26)

Energy conservation for a single-phase flow is described

q̇
U

A
= ∂

∂z

(
ρw

(
h + w2

2
+ gzsinβ

))
(27)

q̇ = α(ϑw − ϑ) (28)

In Eq. (27), enthalpy is a function of pressure and temp
ture,h = h(p,ϑ) and the partial differential of the enthalp
in thez direction can be expressed as

∂h

∂z
= ∂h

∂p

∂p

∂z
+ ∂h

∂ϑ

∂ϑ

∂z
(29)

By differentiating Eq. (27) and substituting the expressi
Eqs. (1) and (12), Eq. (27) can be written as

α(ϑw − ϑ)
U

A

= w

(
1+ ρ

∂h

∂p

)
∂p

∂z
+ ρw

∂h

∂ϑ

∂ϑ

∂z
+ w

∣∣∣∣∂p∂z

∣∣∣∣
R

(30)

and for a two-phase flow, it is given by

q̇
U

A
= ∂

∂z

(
ρL(1− ε)ELwL + ρGεEGwG

)
(31)

whereEk = hk + w2
k

2 + gzsinβ and the enthalpy in Eq. (31
depends on the pressure,hk = hk(p). The partial differential
of the enthalpies of steam and water phases inz direction
can be formulated as
∂hk

∂z
= ∂hk

∂p

∂p

∂z
(32)

The difference betweenhG andhL also depends on the pre
sure and can be expressed as

r(p) = hG(p) − hL(p) (33)

The partial differential ofr in the z direction can be given
by

∂r ∂r ∂p
∂z
=

∂p ∂z
(34)
By differentiating Eq. (31) and taking into account Eq
(32)–(34), Eq. (31) can be written as

ṁ

A

(
F1 + F2

∂ε

∂ẋ

)
∂ẋ

∂z
+ ṁ

A

∂r

∂p

∂p

∂z
ẋ = F3 (35)

with

F1 = r + 3

2

(−w2
L + w2

G

)
(36)

F2 = A

ṁ

(
ρLw3

L − ρGw3
G

)
(37)

F3 = F4 + F5
∂p

∂z
(38)

F4 = − ṁ

A

(
Y + A

ṁ

(
ρLw3

L − ρGw3
G

) ∂ε

∂p

)
(39)

Y = ∂hL

∂p
+ A

ṁ

(
−(1− ε)w3

L

∂ρL

∂p
− εw3

G

∂ρG

∂p

)
(40)

F5 = − ṁ

A
g sinβ + α(ϑw − ϑ)

U

A
(41)

The tube wall energy balance can be written as

0= αhgUhg(ϑhg − ϑw) + αwf Uwf (ϑwf − ϑw) (42)

This system of partial differential equations is solved num
ically using the finite difference scheme (partial derivat
approximation and spatial discretization with equidistant
crements) to obtain the mass flow rate, pressure and tem
ature for the single-phase or steam quality for the two-ph
flow. Additionally, the constitutive relationships are used
close the model [13–17]. In a single-phase flow in tubes,
friction pressure gradient is determined as follows:∣∣∣∣�p

�z

∣∣∣∣
R

= ξ

2d
ρw2 (43)

where, the Haaland correlation [13] is used to calculate
friction factorξ :

ξ =
[
3.24

(
log

(
6.9

Re
+

(
εr/di

3.7

)1.11))2]−1

(44)

The two-phase friction pressure gradient is calculated u
the equation:∣∣∣∣�p

�z

∣∣∣∣
two-phase

=
∣∣∣∣�p

�z

∣∣∣∣
single-phase

Φ2
Lo (45)

where|�p
�z

|single-phaseis the liquid single-phase friction pre
sure gradient based on the total mass flow rate of the
phase mixture andΦ2

Lo is the corresponding two-phase mu
tiplier as determined with the Friedel correlations [16,17

Φ2
Lo = A + Bu (46)

for upward flow and

Φ2
Lo = A + Bd (47)
for downward flow.
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The termsA, Bu, andBd in Eqs. (46) and (47) are give
by:

A = (1− ẋ)2 + ẋ2
(

ρLξG

ρGξL

)
(48)

Bu = 3,43ẋ0,69(1− ẋ)0,24Bu1 (49)

Bu1 = Λ1Fr−0,047
L We−0,0334

L (50)

with

Λ1 =
(

ρL

ρG

)0.8(
ηL

ηG

)0.22(
1− ηL

ηG

)0.899

(51)

Bd = 38.5ẋ0,76(1− ẋ)0,314Bd1 (52)

Bd1 = Λ2Fr−0,0001
L We−0,037

L (53)

Λ2 =
(

ρL

ρG

)0.86(
ηL

ηG

)0.73(
1− ηL

ηG

)6.84

(54)

The Froude number in Eq. (53) is evaluated from

FrL = ṁ2

gdiρ
2
L

(55)

The calculation of the Weber number in Eq. (53) is do
using the equation:

Wek = ṁ2di

ρLσ
(56)

According to Friedel’s correlations, the friction factor
given by

ξk = 64

Rek
(57)

for Rek � 1055 and

ξk =
[
0.86859 ln

Rek
1.964 lnRek − 3.8215

]−2

(58)

for Rek > 1055.
An in-line configuration was chosen to represent the t

arrangement in the tube banks. Thus, the friction pres
drop on the exhaust gas side can be evaluated by [14,15

�p = ξNw

ρw2
e

2
(59)

wherewe is the maximum gas flow velocity that will occu
through the minimum frontal area. This velocity can be w
ten as follows:

we = a

(a − 1)
w (60)

with a = s1
d

, s1 the transversal pitch andw the free stream
gas velocity.

Nw is the number of transverse rows in the gas flow
rection.

The friction factorξ is given by
( Re+1000 )
ξ = ξ1 + ξt 1− e(− 2000 ) (61)
:

whereReis given by

Re= wedoρ

η
(62)

ξl is the laminar friction factor, calculated from

ξ1 = 280π(((s2/do)
0.5 − 0.6)2 + 0.75)

Re(4s1s2/d2
o − π)(s1/do)1.6

(63)

and s2 is the longitudinal pitch of the in-line configuratio
tube banks array.

The turbulent friction factorξt is written as

ξt = 1

Re0.1S2/S1
(J1 + 0.03J2) (64)

with

J1 = 100.47(s2/s1−1.5)(0.22+ J1,1) (65)

J1,1 = 1.2

(
1− 0.94

do

s2

)0.6 / (
s1

do

− 0.85

)1.3

(66)

J2 =
(

s1

do

− 1

)(
s2

do

− 1

)
(67)

The single-phase heat transfer coefficient on the work
fluid side is given by

αwf = Nu0λwf

di

(68)

whereNu0 is the Nusselt number, which can be written a

Nu0 = 0.0214
(
Re0.8 − 100

)
Pr0.4Yd (69)

with Yd = 1 + (di/Ltube)
2/3 for 0.5 < Pr < 1.5 and 104 <

Re< 5106 and

Nu0 = 0.012
(
Re0.87 − 280

)
Pr0.4Yd (70)

for 1.5� Pr < 500 and 3000< Re< 106.
The two-phase flow heat transfer coefficient is calcula

using [18]:

αwf = 0.06136

(1− (ϑsat/378.64)0.0025)0.73
q̇0.673 (71)

whereϑsat and q̇ are expressed in◦C and W·m−2, respec-
tively.

The Nusselt number on the exhaust gas side is found

Nu= fANu0 (72)

wherefA is the arrangement factor and determined as
lows:

fA = 1+ 0.7

ψ0.5

s2/s1 − 0.3

(s2/s1 + 0.7)2
(73)

with ψ as the void ratio, which can be formulated as

Ψ = 1− π

4s1/do

(74)

for s2/do > 1 and

Ψ = 1− π

4s1s2/d2
o

(75)
for s2/do < 1.
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The Nusselt numberNu0 is described by

Nu0 = 0.3+
√

Nu2
1 + Nu2

t (76)

where the laminar Nusselt number is given by

Nu1 = 0.664Re1/2
ψ Pr1/3 (77)

and the turbulent Nusselt number is expressed as

Nut = 0.037Re0.8
ψ Pr

1+ 2.443Re−0.1
ψ (Pr2/3 − 1)

(78)

In Eq. (78), the Reynolds number is calculated using
equation:

Reψ = wLρ

ψη
(79)

Finally, the heat transfer coefficient on the exhaust gas
can be written as follows:

αhg = λhgNu

L
(80)

with L = π
2 do.

When external finned tube banks are used [13,14], t
effect on the heat transfer coefficient calculation is taken
account by means of the following ratio:

At

Awf
= 1+ 2

Lf (Lf + do + tf ) + t2
f /4

dosf
(81)

whereAt , Awf , Lf , sf and tf are the total surface area
a finned tube, base surface area of the tube without fins
length, fin pitch and fin thickness, respectively. The fins
assumed to have a circular shape.

4. Numerical results and discussion

The solutions depend on the specific boundary condit
for the models investigated. Mass flow rate and tempera
on the working fluid side were assumed to be constant a
inlet of both systems. For all models, high and intermed
pressure levels on the working fluid side were chosen
systems 1 and 2, respectively, as shown in Tables 1 an

Table 1
Working fluid data for model 1

Mass flow rate kg·s−1 Pressure bar Temperature◦C
inlet outlet inlet

System 1 13 100 100
System 2 14.5 20 100

Table 2
Working fluid data for model 2

Mass flow rate kg·s−1 Pressure bar Temperature◦C
inlet outlet inlet

System 1 23 100 180
System 2 7.8 20 100
.

Water and steam properties were computer calculated u
the water-steam relations in [19].

The exhaust gas parameters were taken at the outlet
ditions of the gas turbine. This outlet was characterized
the exhaust gas state, i.e., mass flow rate, temperature
pressure. The values of 220 kg·s−1, 1 bar and 560◦C were
chosen for the mass flow rate, pressure and temperatu
the exhaust gas side, respectively [4]. To calculate the t
modynamic state of the exhaust gas, a FORTRAN prog
was developed from the polynomial functions in [20], whi
depend on exhaust gas temperature. This program pe
the determination of exhaust gas enthalpy, specific heat,
mal conductivity, dynamic viscosity, and Prandtl number
dry air at 1 bar. Specific volume was calculated using
ideal gas relationship.

4.1. Effect of tube length

To investigate the effect of tube length on the outlet
haust gas and working fluid parameters, the tube diam
was kept constant with values of 0.0316 and 0.038 mm

Fig. 3. Temperature versus tube length ratio.
Fig. 4. Density versus tube length ratio.
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Fig. 5. Steam quality versus tube length ratio.

Fig. 6. Temperature versus tube length ratio.

the inner and outer diameters, respectively. For mode
Fig. 3 shows decreasing outlet exhaust gas temperature
increasing tube length ratio. In this case, a 90% increas
the tube length from 100 m leads to a 10.8% reduction
average outlet exhaust gas temperature. This has an im
on the boiling point of the working fluid. The correspondi
curves in the density and steam quality as a function of
tube length ratio are shown in Figs. 4 and 5 for the tube
of both systems.

For model 2, Figs. 6 and 7 show the temperature and
sity as a function of the tube length ratio. From Fig. 6
can be observed that the tube length plays an important
in reducing the outlet exhaust gas temperature, which co
sponds to a decrease of 15.83% from 265.21◦C. Moreover,
the working fluid parameters depend on the tube length r
as shown in Figs. 6 and 7.

4.2. Effect of decreasing exhaust gas mass flow rate

In order to examine the effect of reducing the exhaust
mass flow rate on the working fluid parameters, the exh

gas temperature was kept constant and the exhaust gas ma
t

Fig. 7. Density versus tube length ratio.

Fig. 8. Temperature versus tube length.

flow rate was reduced by 3% from 220 kg·s−1 for models 1
and 2. The diminution of the exhaust gas mass flow rat
model 1 leads to a decrease in outlet working fluid temp
ature of 2% from 555.2◦C and 4.1% from 544.11◦C for
systems 1 and 2, respectively. Moreover, the average
let exhaust gas temperature decreases 3.6% from 201◦C, as
shown in Fig. 8. In addition, from this figure, one can o
serve the displacement of the boiling end point of the wo
ing fluid to the tube outlet for both systems.

For model 2, Fig. 9 shows the working fluid tempe
ture reduction of 2.8% from 504.3◦C for system 1 and 7.2%
from 307.1◦C for system 2 at the tube outlets. This is due
a decreasing exhaust gas mass flow rate. The exhaus
temperatures for systems 1 and 2 are reduced 1.4%
311.3◦C and 2.5% from 223.2◦C, respectively. Addition-
ally, for both systems, the outlet exhaust gas tempera
shows a tendency to decrease with reduction of the exh
gas mass flow rate.

4.3. Effect of decreasing exhaust gas temperature

The reduction in the exhaust gas temperature has an i

ssence on the working fluid parameters for all studied models.
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Fig. 9. Temperature versus tube length.

Fig. 10. Temperature versus tube length.

Fig. 10 shows the temperature as a function of tube len
for model 1. Here, it can be observed that there is a
crease in working fluid temperature at the tube outle
10% from 555.2◦C and 11.8% from 544.1◦C for systems 1
and 2, respectively. The average outlet exhaust gas tem
ture shows a decrease of 4.1% from 200.9◦C.

For model 2, the 4% reduction of exhaust gas tempera
leads to an 11.5% decrease of outlet working fluid temp
ture from 504.3◦C for system 1 and 12% from 307.1◦C for
system 2 as shown in Fig. 11.

4.4. Model comparison

From the previous investigations on the models 1 an
Figs. 3–11, it can be summarized that a variation in on
more of the working fluid parameters in either of the syste
of model 1 has no effect on the other system. Howeve
model 2, both reduction and increase in the working fluid
rameters in system 1 have a strong effect on system 2, w
depends on the heat transfer between the exhaust ga
system 1. Moreover, to valid the developed models, the

let exhaust gas temperatures numerically determined were
-

d

Fig. 11. Temperature versus tube length.

Fig. 12. Relative error for outlet exhaust gas temperature versus sy
number.

compared to them obtained using the calculation appro
for flow across banks of finned tubes described in [14]. T
tube length of 190 m and the data of Tables 1 and 2 were
sidered keeping the same conditions for the exhaust ga
rameters. The outlet exhaust gas temperatures from the
culation approach for flow across banks of finned tubes
and present work showed good agreement with relative
rors of less than 2.5% for both models, as shown in Fig.

5. Conclusion

For this study, two different models of dual-pressu
finned tube banks were developed and numerically inve
gated for the effect of the exhaust gas parameters and
length. The relevant physical phenomena were accounte
by means of a non-linear approach and the difference
tween water and steam velocities in finned tubes. The re
obtained show that the variation of the exhaust gas para
ters, mainly temperature and mass flow rate, strongly

differently affects the static behavior of the models. Fur-
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thermore, the results demonstrate a tendency for the o
exhaust gas temperature to decrease with increasing
length for improved waste heat utilization.
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