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Abstract

In this work, a computational model was developed to predict and analyze static behavior in two different systems of dual-pressure finned
tube banks to be used behind a gas turbine station without a pre-existing heat recovery system. The relevant physical phenomena wer
accounted for by means of a non-linear approach and the difference between water and steam velocities in finned tubes. Simulations wer
also done considering the effects of exhaust gas parameters and tube length on the flow-fields of the working fluid. The results revealed the

different static performance of these models on the sides of the working fluid and exhaust gas.
0 2005 Elsevier SAS. All rights reserved.
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1. Introduction banks, the exhaust gas heats water flows at each pressure at
the same time. In the serial configuration, the exhaust gas se-

Due to of the recent global trends to deregulate the energyduentially heats the tube banks [4-6]. Since these tube banks
market and reduce environmental pollution, heat flow ex- &' very compact, their configuration is important for system
changers are commonly installed behind existing gas turbinePerformance, including the optimal utilization of the exhaust
stations, e.g. a gas turbine for a compressor station [1-3].92S and t_he r_ellablllty and safety of power plant operations.
This allows recovery of the waste heat found in the hot ex- AN investigation of system performance as part of the plan-
haust gas from a gas turbine. There are many different flow MNg and design of a power plant improves both static and
arrangements that can be used for the heat transfer betweefynamic operating phase system behavior. Most previous
the working fluid and the exhaust gas from a gas turbine INvestigations of exhaust gas flow across tube banks were
with a heat recovery system. Here, the working fluid flows Performed considering a homogeneous equilibrium model
through the finned tube banks and the exhaust gas passel®’ & Wo-phase flow on the tube side [7-9]. The homoge-
across them. The steam produced is used to power a stea€0US equmbnu_m model assumes that the s_t_eam and water
turbine, which drives an electric generator. This enhancesp.has’eS are flowing at the same velocity. Adqmonally, a_naly—
overall system efficiency [4]. The arrangement of the tube sis of previous works reveals that the effect in change in ex-

banks depends on the available space behind the gas turbim—!-q.aUSt gas temperature across finned tube banks is neglected,

Dual-pressure systems use both parallel and serial config-and the results are specific for the tube banks configuration
. and therefore cannot be extrapolated to other configurations.
urations for the gas tube banks. In the parallel flow tube . : :
In this work, a computational model is developed to allow
for selection of the appropriate distribution of heating sur-
* Corresponding author. faces for connection to a gas turbine without a pre-existing
E-mail addressguyh.dituba-ngoma@ugat.ca (G.D. Ngoma). heat recovery system in order to maximize the efficiency and
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Nomenclature

A tube cross sectionalarea ................2 m Greek symbols
Co distribution factor « convection heat transfer coefficient . -t-2.K
¢ specificheat .................... kgt B tube orientation angle from the horizontal . °.
d diameter........... .. m A difference of a variable
Fr Froude number € void fraction
g acceleration due to gravity............. -T2 &r absoluteroughness ....................... m
h specificenthalpy ..................... kgt n dynamic ViSCOSit_Y_ ---------------------- Ba
rh mass flowrate .................ooo... kgt A thermal conductivity ... wh~ 1K~
p PreSSUME. ..ttt et et eees pa ¥ temp_e UM - O_%
Pr Prandtl number 0 density..... EEE IR R IR R RRRRR R kg .
. ) o surfacetension...................... -rhi-
q heat fIUX ............................ Wi é: friCtiOI’] faCtor
Re Reynolds number i
r vaporization heat....................:kg?! Subscripts
t time ... s ! Inner

tube circumference ....................... m G steam phase
u internal energy..............ooeue...: kg1 L water phase

. . g 0 outer

VGj driftvelocity ......................... B R friction pressure drop
We  Weber number sat saturation

flow velocity . .. .......ooviiii, gt w tube wall
X steam quality wf working fluid

axial coordinate ............. .. ... m hg hot exhaust gas

economic benefits of the entire plant. Here, we consider themance was included. The effects of exhaust gas parameters
concept of the dual-pressure levels on the operating fluid on the flow-fields of the working fluid were also investigated
[4,5]. Two different configurations of tube banks systems and analyzed.

were numerically analyzed. Non-linear mathematical sys-

tems of equations of mass, momentum and energy were de-

veloped in the modeling process. A two-phase steam-water2. Model description

flow was simulated using the drift flux model according to

Rouhani’s correlation, which takes into account the veloci-  Figs. 1 and 2 show the two examined models, which con-
ties of water and steam phases [10,11]. The influence of thesist of dual-pressure once-through heat recovery steam gen-
tube length and tube walls on the system’s thermal perfor- erator (HRSG) systems in cross flow with finned tube banks

/,E\\ System 2 /,Thgl\

Feedwater %
System 2 / : \ System 1 e
t iC ) System 1
Feedwater k i€ ) Feedwater Superheated steam e
C )i > to an intermediate Feedwater
0 pressure steam
Superheated . >\ : / Superheated turbine 5
steam to an Mpgy pgy steam to a high Tm Superheated
intermediate . pressure steam hg steam to a high

pressure steam
turbine

turbine Exhaust gas

from gas turbine

pressure steam
turbine

Exhaust gas
from gas turbine

GT gas turbine
G elecrtical generator T Natural gas T Natural gas

Fig. 1. Dual pressure once-through HRSG systems in parallel configuration. Fig. 2. Dual pressure once-through HRSG systems in serial configuration.
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and a gas turbine with a vertical outlet for the exhaust gas. valid for a two-phase flow in horizontal and vertical tubes,
Model 1 uses a parallel configuration and is characterized and for the steam quality between 0 and 1. The void fraction
by 50% of the total exhaust gas flow rate for the systems 1 according to Rouhani is formulated as follows:

and 2, i.e.

x/pG
. ) liihg e [X/pc + (L —X)/pL]+ AVgj/m ")
Mhgl = Mhg2 = —(— olx/pG PL Gj
2 where
Model 2 uses a serial configuration. Both models have the 2
same geometry. A= 8
2 (8)
Co=1+012(1-X%) 9)
3. Governing equations 0.25
« |orglpL —pg) |
. . Vg =g | EEPET RG] (10)
To develop the governing equations for the considered P7
Is, the followi i :
models, the following assumptions were made Ve, = 1181 1) (11)
(@) A steady state, one-dimensional flow was assumed.  The momentum equation for a single-phase flow is defined
(b) A constant tube cross section was assumed. by

(c) The two-phase flow was considered to be a mixed model 2
of water and steam, i.e. the water and steam pressureg) — d(pw?) + pgsing + or + £
were the same on the two-phase interface. 0z dz |0z
Since density depends on pressure and tempergbuse,

To account for these assumptions, the theoretical analysis of,,, 1) in a single-phase flow, the partial differential of the
a tube of the once-through HRSG systems shown in Figs. 1density in the; direction can be written as

and 2 is based on the conservation equations of mass, mo-
mentum and energy for exhaust gas (single-phase flow),a_p — dp dp  dp 3V
working fluid (single-phase and two-phase flow) and tube 9z dp 9z 979 9z

wall [12-15]. For a single-phase flow, mass conservation is By taking into account Eq. (13), the partial differential of the

op

(12)
R

(13)

given by: pressure in, direction can be expressed as
d(pwA)
a0z 0 @ (14)
z 0z Cs2

whereA, w, z andp are the tube cross section, flow velocity, ,,.n
axial coordinate and density, respectively. Eq. (1) leads to the

following expression of the mass flow rate: Cs1=——Ys1— pgsing — ‘8_1’ (15)
’ A 0z
m = pwA = constant (2) R
For the two-phase flow, it can be written as foll Vyg = 20 _ 1 O 39 (16)
- : ] =20— — —= — —
or the two-phase flow, it can be written as follows 51 02 Ap? 00 92
d
—(pr(1—&)wp + pgewg)A =0 3 n2 9
YR g ) ® e g (17
The mixture mass flow rate can be expressed by p=op
. and for a two-phase flow, it can be given by
m=(pL(1—e)wr + pgewg)A 4) ,
where the water phase velocity is given by Py (pr(1— e)w? + pcswé + p)
1—x)m 0
= 5 _ i o _
wr 1_o)piA (5) + (o1 e)—|—,o(;s)gsm,6—i—‘az R—O (18)
and the steam phase velocity follows as Since the density in a two-phase flow depends on the pres-
_xm 5 sure, pr = px(p) with k = L, G, the partial differential of
we = epG A ®) the density irg direction can be formulated as
The other symbols and subscripts used were defined in thedox _ 9ok dp (19)

nomenclature. 9z dp 9z
In the two-phase flow, the difference between water and

steam phase velocitiesn — w;) was taken into consid-

eration by means of the Rouhani correlation [10], which is ¢ =¢(p, x) (20)

The void fraction depends on pressure and steam quality:
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Eq. (20) leads to the following partial differential of the void
fraction inz direction:

de 0dedp e dx
dz dpdz 09X 3z
The partial differential of the pressure in theirection can
be written with Egs. (19)—(21) as

(21)

ar _Cn (22)
0z Ci2
with

de m 0x
Ci=—\E1—=+2—(—wr+wg) | ——Yn (23)

ox A 0z
Ei= prE — pr(z; (24)

ap
Yin= (pr(1—¢&) + pge)gsnB + P (25)
R
apL G de
2 2

C,z:l—(l—e)wLE—awGa——i-Al% (26)

Energy conservation for a single-phase flow is described by

2
61'% - %(pw<h+w?+gzsinﬂ>) (27)
g =oa(y —17F) (28)

In Eq. (27), enthalpy is a function of pressure and tempera-
ture,h = h(p, ) and the partial differential of the enthalpy
in the z direction can be expressed as
dh _dhdp = 0h 3V

9z  9p oz 9V 0z

By differentiating Eq. (27) and substituting the expressions
Egs. (1) and (12), Eq. (27) can be written as

(29)

U
o (Uy — ﬁ)X
ah\ dp oh 9v ap
=w(l+p— | — — 30
w( +p8p)8z+pw3ﬁaz+w3ZR 30)
and for a two-phase flow, it is given by
U
q- = a—z(,OL(1 —&)ELwr + peeEcwg) (31)

whereE, = hy + %’3 + gzsing and the enthalpy in Eqg. (31)
depends on the pressutg,= h;(p). The partial differential
of the enthalpies of steam and water phases direction
can be formulated as

ohy _ ohy dp
9z dp 0z
The difference betweel; andh; also depends on the pres-
sure and can be expressed as

r(p) =hg(p) —hr(p) (33)
The partial differential of- in the z direction can be given
by

or  dr dp
9z op oz

(32)

(34)
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By differentiating Eq. (31) and taking into account Egs.
(32)-(34), Eq. (31) can be written as

<1+ 2ax>8z o Li=F (35)
with
3
Fi=r+ E(—w%—i—wé) (36)
A 3 3
Fr= m—.(prL — pGwg) (37)
dap
F3=Fp+ F5— (38)
9z
m A 3 3, 0¢
Fp=——Y+ = — — 39
4 A< -I-m(,OLwL PGW )ap) (39)
dh A 0 a
y="2L 4 2 (—@-eyuwd L _ ey3 26 (40)
ap m ap ap
mo . U
F5=—ngm,BjLoz(z‘}w—19)Z (412)
The tube wall energy balance can be written as
0= athhg(ﬂhg —Uy) + Olwawf(ﬁwf — V) (42)

This system of partial differential equations is solved numer-
ically using the finite difference scheme (partial derivative
approximation and spatial discretization with equidistant in-
crements) to obtain the mass flow rate, pressure and temper-
ature for the single-phase or steam quality for the two-phase
flow. Additionally, the constitutive relationships are used to
close the model [13-17]. In a single-phase flow in tubes, the
friction pressure gradient is determined as follows:

Ap| &

= —pw
Az 2d'0

where, the Haaland correlation [13] is used to calculate the

friction factoré:
6.9 <8r/di >1.11>>2] -1

=(3.24{ log| —
§ [ ( g( Re T\ 37
The two-phase friction pressure gradient is calculated using
the equation:
Ap
Az

2 (43)

R

(44)

_|Ap

two-phase | A2

2
¢Lo
single-phase

(45)

where| ﬁ—’z’ |single-phaseiS the liquid single-phase friction pres-
sure gradient based on the total mass flow rate of the two-
phase mixture an@Eo is the corresponding two-phase mul-
tiplier as determined with the Friedel correlations [16,17]:

®2 =A+ B, (46)
for upward flow and
®Z =A+ By (47)

for downward flow.
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The termsA, B,, andB, in Eqgs. (46) and (47) are given
by:

A=(1-0)? +x2(@> (48)
pPGEL
B, =3,43:%%%(1 - 1)%24B,; (49)
Byi= AlFrzo,o47Wezo,0334 (50)
with
o1 \ %8/ 0\ 022 _—
m=(5) (o) (=50 o
PG nG neG
By = 38550781 — %)%314p,, (52)
By1 = AoFr; %% weg %07 (53)
o1\ %88/, \ 073 0\ 884
(i) o) (3) o
PG Ules nG
The Froude number in Eq. (53) is evaluated from
22
m
Frp = (55)
gdip?

The calculation of the Weber number in Eqg. (53) is done
using the equation:
m2d

We

(56)

pLO

According to Friedel's correlations, the friction factor is
given by

64
_ 64 57
=1 o (57)
for Re, < 1055 and
Re, -2
Sk = [0'86859m1.964|an - 3.8215i| (58)

for Rg, > 1055.

An in-line configuration was chosen to represent the tube

803
whereReis given by
Re= WedoP (62)
n
& is the laminar friction factor, calculated from
2807 (((s2/d,)*° — 0.6)2 4+ 0.7
¢, — 2800((s2/do) ) 5 (63)

Re(4s152/d? — 7)(s1/d,)*8

ands; is the longitudinal pitch of the in-line configuration
tube banks array.
The turbulent friction factog; is written as

1

& = W(h +0.03J7) (64)

with

Jl — 100.47(S2/S1—1.5) (022+ Jl,l) (65)
d 0.6 51 1.3

Ji1= 1.2(1 - 0.94—”) / <— - 0.85) (66)
52 d,

s1 52
o=—-1)[—-1 67
= (525 @)

The single-phase heat transfer coefficient on the working
fluid side is given by
Nuwrw f

d;
whereNy is the Nusselt number, which can be written as
Nup = 0.0214(R&® — 100)Pr4y, (69)

with ¥; = 1+ (d;/Lwupe)?/ for 0.5 < Pr < 1.5 and 16 <
Re< 51 and

Nup = 0.012(R&®” — 280)Pr4y,

for 1.5 < Pr < 500 and 3006< Re< 10°.
The two-phase flow heat transfer coefficient is calculated
using [18]:

(68)

Cf =

(70)

0.06136 0673
awf = g .
(1 — (9say/37864)0.00250.73

(71)

arrangement in the tube banks. Thus, the friction pressurewheredsatandq are expressed ihC and Wm~2, respec-
drop on the exhaust gas side can be evaluated by [14,15,17]tively.

pw?
2
wherew, is the maximum gas flow velocity that will occur
through the minimum frontal area. This velocity can be writ-
ten as follows:
a
We = (a _ 1) w

with a = 3}, 51 the transversal pitch and the free stream
gas velocity.

N,, is the number of transverse rows in the gas flow di-
rection.

The friction factor¢ is given by

E=&1+&(1—e"

Ap =&Ny,

(59)

(60)

Rer1000)
2000 )

(61)

The Nusselt number on the exhaust gas side is found from
Nu= f4Nug (72)

where f, is the arrangement factor and determined as fol-
lows:
0.7 s2/5s1—0.3
=1
T4 =34 05 (i 51+ 0.2
with v as the void ratio, which can be formulated as
T

(73)

v=1-— (74)
4s1/d,
for sp/d, > 1 and
T
y=1-—- 75
4S1S2/d02 (75)

for sp/d, < 1.
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The Nusselt numbeXy is described by

Nup = 0.3+ /NuZ + Nu? (76)
where the laminar Nusselt number is given by
Nuy = 0.664Re)/ “Pr/® 77)
and the turbulent Nusselt number is expressed as
0.037R&8Pr
Y (78)

Uz =
1+2.44%Re %1 (Pr23 - 1)
In Eq. (78), the Reynolds number is calculated using the
equation:
_ wlLp

Ry ¥n

(79)

Finally, the heat transfer coefficient on the exhaust gas side

can be written as follows:

AhgNUu
Qhg = i (80)
with L = %d,.

When external finned tube banks are used [13,14], their
effect on the heat transfer coefficient calculation is taken into
account by means of the following ratio:

Li(Ly+dy+1y)+1%/4
dos ¢

Ay .
Awt

whereA;, Awf, Ly, sy andty are the total surface area of

a finned tube, base surface area of the tube without fins, fin
length, fin pitch and fin thickness, respectively. The fins are
assumed to have a circular shape.

(81)

4. Numerical results and discussion

The solutions depend on the specific boundary conditions
for the models investigated. Mass flow rate and temperature
on the working fluid side were assumed to be constant at the
inlet of both systems. For all models, high and intermediate
pressure levels on the working fluid side were chosen for

systems 1 and 2, respectively, as shown in Tables 1 and 2.

Table 1

Working fluid data for model 1
Mass flow rate kgf1 Pressure bar Temperatt€
inlet outlet inlet

System 1 13 100 100

System 2 16 20 100

Table 2

Working fluid data for model 2
Mass flow rate kgs‘1 Pressure bar Temperaturé
inlet outlet inlet

System 1 23 100 180

System 2 B 20 100

G.D. Ngoma, A. Sadiki / International Journal of Thermal Sciences 44 (2005) 799-807

Water and steam properties were computer calculated using
the water-steam relations in [19].

The exhaust gas parameters were taken at the outlet con-
ditions of the gas turbine. This outlet was characterized by
the exhaust gas state, i.e., mass flow rate, temperature and
pressure. The values of 220-kg', 1 bar and 560C were
chosen for the mass flow rate, pressure and temperature on
the exhaust gas side, respectively [4]. To calculate the ther-
modynamic state of the exhaust gas, a FORTRAN program
was developed from the polynomial functions in [20], which
depend on exhaust gas temperature. This program permits
the determination of exhaust gas enthalpy, specific heat, ther-
mal conductivity, dynamic viscosity, and Prandtl number for
dry air at 1 bar. Specific volume was calculated using the
ideal gas relationship.

4.1. Effect of tube length

To investigate the effect of tube length on the outlet ex-
haust gas and working fluid parameters, the tube diameter

was kept constant with values of 0.0316 and 0.038 mm for

600
550 R
500
450
400
350
300
250
200
150
100

50 1 1 1 1 1 1 1 1 1
0 01 02 03 04 05 06 07 08 09

Tube length
Maximal tube length

T T
Model 1
N }ystem 1

Maximal tube length:
L=100m
L=190 m

Exhaust gas

Temperature °C

System 2 Working fluid

1

Fig. 3. Temperature versus tube length ratio.

1000 T T T
900

Model 1

N X
[ ]
[ ]

Maximal tube length:
L=100m
L=190 m

600

(=3
(=]

Density kg/m3

N W A W
o O O
oS o O

100

"'7‘—] 1 1 1 1 1 1
02 03 04 05 06 0.7 08 0.9
Tube length

Maximal tube length

0.1

Fig. 4. Density versus tube length ratio.
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1 T T L) T T T T T T 1000 T T T T T T T T T
1
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\ 900 /
08 F \ . 800 | Working fluid ]
\ o
= \  Maximal tube length: g 7001 b
= ! L=100 m gh - 4
06 \ L=190m ———- 7 =~ 600 System 1
& >
g 2 500 -
§ 0.4 4 g 400 y System 2 1A
s Working fluid 300 / Maximal tube length: y
System 2 L=100m i
02 1 200 L=190m ---- 7
System 1 100 ]
N ! L | L 1 1 1 1 S 1 1 1
0 01 02 03 04 05 06 07 08 09 1 0 010203 040506070809 1
Tube length Tube length
Maximal tube length Maximal tube length
Fig. 5. Steam quality versus tube length ratio. Fig. 7. Density versus tube length ratio.
600 T T E l; T T T T T T
T T T T T T T T T t
o Model 2 ol tube lenath: 550 S Model 1 ]
550 Maximal tube length: - 500 b 3% decreasing exhaust
500 L=100m b gas mass flow rate -----
\ L=190m ---- O 450
O 450 F° S
° )
£ 400 5 400
g 350 s 350
2 £ 300
g 300 £
& 250 = 250
200 Syst i g 200
150 ystem 150 - System 2
. .+ System 2
100 F Working fluid y 100 F
50 1 1 1 1 1 Il L 1 1 50 L L 1 1 L L 1 1 1
0 0.1 02 03 04 05 06 07 0.8 09 1 0 19 38 57 76 95 114 133 152 171 190

Tube length
Maximal tube length

Tube length m

. . Fig. 8. Temperature versus tube length.
Fig. 6. Temperature versus tube length ratio.

flow rate was reduced by 3% from 220-kg* for models 1
the inner and outer diameters, respectively. For model 1, and 2. The diminution of the exhaust gas mass flow rate in
Fig. 3 shows decreasing outlet exhaust gas temperature withmodel 1 leads to a decrease in outlet working fluid temper-
increasing tube length ratio. In this case, a 90% increase inature of 2% from 555.2C and 4.1% from 544.19C for
the tube length from 100 m leads to a 10.8% reduction in systems 1 and 2, respectively. Moreover, the average out-
average outlet exhaust gas temperature. This has an impadet exhaust gas temperature decreases 3.6% frorAiQCds
on the boiling point of the working fluid. The corresponding shown in Fig. 8. In addition, from this figure, one can ob-
curves in the density and steam quality as a function of the serve the displacement of the boiling end point of the work-
tube length ratio are shown in Figs. 4 and 5 for the tube side ing fluid to the tube outlet for both systems.
of both systems. For model 2, Fig. 9 shows the working fluid tempera-
For model 2, Figs. 6 and 7 show the temperature and den-ture reduction of 2.8% from 504°& for system 1 and 7.2%
sity as a function of the tube length ratio. From Fig. 6, it from 307.1°C for system 2 at the tube outlets. This is due to
can be observed that the tube length plays an important rolea decreasing exhaust gas mass flow rate. The exhaust gas
in reducing the outlet exhaust gas temperature, which corre-temperatures for systems 1 and 2 are reduced 1.4% from
sponds to a decrease of 15.83% from 2653Q21Moreover, 311.3°C and 2.5% from 223.2C, respectively. Addition-
the working fluid parameters depend on the tube length ratio, ally, for both systems, the outlet exhaust gas temperature
as shown in Figs. 6 and 7. shows a tendency to decrease with reduction of the exhaust
gas mass flow rate.
4.2. Effect of decreasing exhaust gas mass flow rate
4.3. Effect of decreasing exhaust gas temperature
In order to examine the effect of reducing the exhaust gas
mass flow rate on the working fluid parameters, the exhaust The reduction in the exhaust gas temperature has an influ-
gas temperature was kept constant and the exhaust gas magnce on the working fluid parameters for all studied models.
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Fig. 10. Temperature versus tube length. Fig. 12. Relative error for outlet exhaust gas temperature versus system
number.

Fig. 10 shows the temperature as a function of tube length ) ] )
for model 1. Here, it can be observed that there is a de- COmpared to them obtained using the calculation approach
crease in working fluid temperature at the tube outlet of for flow across banks of finned tubes described in [14]. The
10% from 555.2C and 11.8% from 544.9C for systems 1 tube length of 190 m and the data of Tables 1 and 2 were con-
and 2, respectively. The average outlet exhaust gas temperaSidered keeping the same conditions for the exhaust gas pa-
ture shows a decrease of 4.1% from 2009 rameters. The outlet exhaust gas temperatures from the cal-
For model 2, the 4% reduction of exhaust gas temperaturecmation approach for flow across banks of finn_ed tube_s [14]
leads to an 11.5% decrease of outlet working fluid tempera- @nd present work showed good agreement with relative er-
ture from 504.3C for system 1 and 12% from 307C for rors of less than 2.5% for both models, as shown in Fig. 12.
system 2 as shown in Fig. 11.

4.4, Model comparison 5. Conclusion

From the previous investigations on the models 1 and 2, For this study, two different models of dual-pressure
Figs. 3—11, it can be summarized that a variation in one or finned tube banks were developed and numerically investi-
more of the working fluid parameters in either of the systems gated for the effect of the exhaust gas parameters and tube
of model 1 has no effect on the other system. However, in length. The relevant physical phenomena were accounted for
model 2, both reduction and increase in the working fluid pa- by means of a non-linear approach and the difference be-
rameters in system 1 have a strong effect on system 2, whichtween water and steam velocities in finned tubes. The results
depends on the heat transfer between the exhaust gas andbtained show that the variation of the exhaust gas parame-
system 1. Moreover, to valid the developed models, the out- ters, mainly temperature and mass flow rate, strongly and
let exhaust gas temperatures numerically determined weredifferently affects the static behavior of the models. Fur-
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thermore, the results demonstrate a tendency for the outlet [7] M.S. Mon, U. Gross, Numerical study of fin-spacing effects in annular-
exhaust gas temperature to decrease with increasing tube finned tube heat exchangers, Internat. J. Heat Mass Transfer 47 (2004)
length for improved waste heat utilization. 1953-1964. . .
[8] A.S. Wilson, M.K. Bassiouny, Modeling of heat transfer for flow
across tube banks, Chem. Engrg. Processing 39 (2000) 1-14.
[9] K. Bilen, U. Akyol, S. Yapici, Thermal performance analysis of a tube
finned surface, Internat. J. Energy Res. 26 (2002) 321-333.
[10] Z. Rouhani, Modified correlations for void fraction and two-phase

. . pressure drop, AE-RTV-841, 1969.
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